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Abstract 

A heavy duty common rail marine diesel engine operating with two stage injection is tested under 

load on a test bench with vapourised ethanol-water mixtures mixed into the inlet air at various 

rates. Ethanol/water mixture strengths of 93%, 72% and 45% by mass are tested.  Results are 

presented for two engine loads at 1800 rpm, with brake mean effective pressure (BMEP) 17 bar 

and 20 bar. At each test point, constant engine speed and brake torque are maintained for various 

rates of aqueous ethanol addition. Small increases in brake thermal efficiency are measured with 

moderate rates of ethanol addition at a BMEP of 20 bar. Exhaust emissions of oxides of nitrogen, 

carbon monoxide, hydrocarbons, oxygen and carbon dioxide, and exhaust opacity are measured. 

CO emissions and exhaust opacity tend to increase with increased ethanol addition. NOx 

emissions tend to decrease with increased ethanol addition and with increased water content. 

Hydrocarbon emissions remain low, near the detection limit of the analyser. Cylinder pressure 

and the electronically controlled two stage liquid fuel injection timing are recorded with a high 

speed data acquisition system. Apparent heat release rate is calculated from the measured cylinder 

pressure. The apparent heat release rate and fuel injection timing together allow analysis of the 

mechanism of the combustion process with ethanol fumigation. Two stage injection involves a 

small pre-injection of diesel fuel to reduce early pressure rise rates in normal diesel engine 

combustion. Even though injection timing is retarded by the Engine Control Unit as more ethanol 
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is added, combustion timing effectively advances due to the effect of two stage injection. Where 

the ethanol/air mixture strength is above the lower flammability limit at compression 

temperatures, the mixture is ignited by the pre-injection and begins to burn rapidly by flame 

propagation and/or autoignitive propagation before the main liquid fuel injection begins.  This 

occurs for ethanol energy substitution rates greater than 30%. Two distinct peaks in heat release 

rate appear at the higher ethanol rates. Severe knock becomes apparent for 34% ethanol. Two 

stage injection may be disadvantageous in these circumstances. 

Highlights 

 combustion behaviour of a heavy duty Diesel engine with two stage fuel injection 

fumigated with aqueous ethanol of varying water content 

 analysis of heat release rate, ethanol-air mixture flammability and timing of fuel injection 

 suggested combustion mechanism for severe knock at high rates of ethanol addition  

 two stage injection and fumigation lead to combustion timing advancing with increasing 

ethanol rates 

 two stage injection may be disadvantageous at high fumigant rates because the pre-

injection ignites the fumigant/air mixture too early 

 small increase in brake thermal efficiency, decreased NOx emissions and increased CO 

emissions and exhaust opacity with ethanol addition. 

Keywords 

aqueous ethanol fumigation; heavy duty Diesel; two stage injection; flammability limits; knock 

intensity; apparent heat release rate; combustion timing 

1 Introduction 

Diesel engines can be readily configured to run in dual fuel mode, with gas mixed into the air 

intake while liquid diesel fuel is injected as normal, but at a reduced rate. This is sometimes 

called fumigation. Various gases and gas mixtures have been used for this purpose including 

methane, ethane, propane, butane, hydrogen, ethylene, liquefied petroleum gas, landfill gases and 

process gases.  

The work described here was conducted as part of a project to assess alternative fuels for fishing 

vessels. Fishing vessel operators are looking to reduce fuel costs to make their operations more 

viable. Marine engines in such applications tend to be operated at steady loads with relatively 
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high brake mean effective pressure (BMEP), for long periods of time. A common rail, 

electronically controlled marine engine with two stage injection is used in the present study. In 

normal engine operation, two stage injection is used to reduce the severity of the second phase of 

combustion, by reducing the amount of fuel/air mixture formed during the delay period. The use 

of aqueous ethanol in an electronically controlled diesel engine with two stage injection is of 

interest in because of possible interactions of the added gas with the ignition process. Adding 

gaseous fuel to the intake air will increase the amount of fuel air mixture available during and 

after the delay period and thus impact on the ignition delay and combustion rate.  

Ethanol can be produced from grains and sugar. Ethanol produced in this way is typical of a first 

generation biofuel. Alternative scenarios for ethanol involve the use of ligno-cellulosic biomass 

(second generation biofuel). As a biofuel it has the potential to reduce greenhouse gas emissions 

[1]. Flowers et al [2]demonstrate that the energy costs of removing water from ethanol produced 

by fermentation become very significant as the azeotropic concentration is approached. Thus, if 

aqueous ethanol mixtures can be used in engines then the lifecycle CO2 emissions will be reduced 

compared with the use of anhydrous ethanol.  The most straightforward means of utilising ethanol 

is to add it to the air intake. This method has been known for some time [3] but there are no 

commercial systems available.  

It is also possible that small amounts of ethanol, around 10% by energy content, will increase 

engine fuel efficiency by enhancing combustion rates, and thus provide fuel savings even if 

ethanol cost is similar to normal diesel fuel cost. This has yet to be confirmed experimentally. 

Numerous studies have been published on ethanol fumigation of diesel engines, with the ethanol 

being introduced by various techniques such as carburetion, continuous injection under pressure 

after the turbocharger and multipoint sequential injection. Ottikkutti et al [4] injected 

ethanol/water mixtures as an atomised spray into the intake air after the turbocharger in a bowl-

in-piston direct injection diesel engine. They found no significant changes in thermal efficiency at 

100% load or at 50% load, over a range of energy substitution rates. Exhaust temperature and 

NOx decreased. Hayes et al [5] reviewed the work of a number of earlier trials of ethanol 

fumigation using a range of ethanol/water ratios. No clear trends in the effect of ethanol addition 

on thermal efficiency were reported from the earlier works. NO emissions tended to reduce, the 

reduction being greater with greater water content, as would be expected.  

Hayes et al [5] used direct injection of ethanol/water mixes of varying water contents into the 

inlet port of each cylinder of a turbocharged six cylinder direct injection engine with mechanical 
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governor. Injection timing in such an engine would be fixed at a given speed, for all loads. At 

high load, thermal efficiency increased with increased ethanol flow rate, for all values of 

ethanol/water ratio. The maximum gain in thermal efficiency was about 5% of the Diesel fuel 

only efficiency at the highest load test point at 8 bar BMEP. At intermediate load, thermal 

efficiency was unchanged. At low loads, thermal efficiency decreased with increased ethanol 

addition, down by up to 25% of the diesel fuel only value, at maximum ethanol flow rate. The 

ethanol/water ratio had little effect on this trend. At 8 bar BMEP NO emissions decreased with 

increased water content and fumigation rates, but a small increase in NO emissions was measured 

for ethanol/water mixtures greater than 68% by mass.  

Chen et al [6] injected ethanol through an atomising nozzle after the compressor in a 

turbocharged 4 cylinder diesel engine. They found that thermal efficiency increased with 

increased ethanol at high load, but decreased at low load. Measurements of exhaust temperature 

for individual cylinders led the authors to believe that the distribution of ethanol from cylinder to 

cylinder was not uniform. There was no aftercooler to enhance mixing and the pressure of the 

ethanol supplied to the ethanol nozzle was relatively low at 3.4 bar. Abu-Qudais et al[7] added 

ethanol to the intake air of a naturally aspirated single cylinder engine by use of a spray nozzle. 

They used a single energy substitution rate of 20% by energy over a range of speeds at full load. 

CO and HC emissions increased significantly for all tests, exhaust opacity and mass of 

particulates decreased. Thermal efficiency increased by more than 7% of the Diesel fuel only 

value. It was postulated that the increased ignition delay with ethanol fumigation led to more 

rapid combustion and thus improved thermal efficiency.  

Kowalewicz [8] used port injection of 92% by volume ethanol in a single cylinder direct injection 

diesel engine operating on Rape oil methyl ester as the main fuel. Ethanol was supplied up to 

50% of total fuel energy. Exhaust temperature, ignition delay, thermal efficiency and smoke 

emissions increased with increasing ethanol supply rate, but combustion duration decreased. NOx 

emissions reduced at low loads but increased at high loads with increasing ethanol supply rate. 

Surawski et al [9,10] found increased emissions of CO, HC and particle mass from a four cylinder 

naturally aspirated diesel engine fumigated with ethanol, while NO emissions reduced. They 

characterised particle emissions and found that ethanol fumigation increased the volatility of 

particles and increased the concentrations of particle related reactive oxygen species, potentially 

requiring the use of a Diesel oxidation catalyst, which would also reduce CO and HC emissions.  
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Abu-Qudais et al [7] tested a single cylinder diesel engine with ethanol fumigation and at 20% 

ethanol by energy found increased thermal efficiency, increased emissions of CO and HC, but 

reduced exhaust opacity (smoke) and reduced particle mass.   

In summary, previous work suggests that thermal efficiency tends to increase at high loads and 

decrease at low loads. NOx and mass of particle emissions tend to decrease for all loads and CO 

and HC emissions tend to increase for all loads. The effects of ethanol usage on the nature of 

particle emissions may be undesirable. 

For heavy duty engines it is feasible to restrict addition of the fumigant to moderate to high load 

operating conditions, to avoid low loads where fumigation may be detrimental to engine 

efficiency.  

Karim[11] postulated that there are three distinct stages in dual fuel combustion, where the 

primary fuel is gaseous and ignition is by pilot injection of standard diesel fuel. The first stage 

involves combustion of some of the pilot fuel and some gaseous fuel entrained into the fuel spray. 

The second stage involves combustion of the remaining pilot fuel and gaseous fuel in the 

immediate surroundings of the pilot fuel. The third stage involves flame propagation through the 

remainder of the gaseous fuel-air mixture.  For fumigation of a diesel engine where the majority 

of the fuel energy comes from standard diesel fuel, the combustion processes may differ from this 

description. However, the three modes described by Karim may be a guide to understanding the 

combustion process.  

The aim of the present work is to investigate the changes in thermal efficiency and exhaust 

emissions in a heavy duty turbocharged diesel engine when vapourised ethanol-water mixtures 

are mixed into the inlet air, with no modifications to the liquid diesel fuel injection system or 

Engine Control Unit. A further aim is to determine the limits to the fumigation rates and to 

understand the combustion processes involved when a heavy duty engine with electronic two 

stage injection is fumigated. 

2 Test Procedures 

2.1  Engine Testbed 

The engine is a Cummins QSB5.9-305MCD 6 cylinder in-line, common rail, electronically 

controlled marine diesel engine rated at 224 kW (305 bhp) at 2600 rpm, turbocharged with water 

cooled aftercooler, compression ratio 17.2:1, bore 102 mm, stroke 120 mm, no EGR.   
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A gas analyser is used which consists of an NDIR bench for CO2, CO and HC and 

electrochemical cells for NO and O2. A NOx convertor converts NO2 to NO so that the NO cell 

measures total NOx. The convertor is placed before a refrigerated drier so NO2 is not lost by 

dissolving in the condensate. A Bosch opacity meter draws directly from the unfiltered exhaust 

stream. 

Labview is used as the data acquisition system. Two National Instruments acquisition cards are 

used - a slow speed card (NI6036) for parameters which are nominally steady at a given operating 

condition, and a high speed card (NI6143) for cylinder pressure, injection activation voltage 

pulses and crank angle markers. The high speed card is run at 200,000 samples per second for 

each channel, representing a sampling interval of 0.054 crank angle degrees at 1800 rpm. The 

very high sampling rate allows capture of fine details of the pressure development which leads to 

good detail in the apparent heat release rate.  

The slow speed card records exhaust temperature downstream of the turbocharger, flow rates of 

normal diesel fuel and ethanol, inlet manifold pressure, inlet manifold air temperature and fuel 

rail pressure. The net flowrate of the normal diesel fuel is measured with a MacNaught M1SSP-1 

elliptical gear flowmeter, which gives 1000 pulses per litre. Ethanol flow rate is measured with a 

MacNaught M05SSPI-1H elliptical gear flowmeter with carbon bearings, which gives 1552 

pulses per litre. 

An AVL QC34C piezoelectric pressure transducer was fitted to cylinder 5 by Cummins USA. 

The transducer is water cooled. It is used in conjunction with a Kistler type 5002 charge amplifier 

with a 180 kHz low pass filter. The transducer has a measuring range of 0 to 250 bar and linearity 

of ±0.2% of full scale output. The transducer and amplifier together are configured to give an 

output of 1 volt/50bar.  

For timing of injection, the engine control unit (ECU) uses a toothed wheel and sensor on the 

crankshaft with two missing teeth at top dead centre (TDC) on cylinder 1. The signal from this 

toothed wheel is acquired with the high speed card. The crank angle position at TDC on cylinder 

5 was found from hot motored tests to be at 35% of the width of the pulse from the eighth tooth 

after the missing teeth, measured from the trailing edge. This position was found by cutting out 

the fuel injection to cylinder 5 while the engine was running under load and measuring the 

location of the maximum motored pressure. The location of the trailing edge of the eighth crank 

angle pulse is accurate to within 0.054 crank angle degrees. A single engine speed per cycle is 

calculated from the crank angle markers, and then crank angle relative to TDC is calculated from 
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the engine speed. Checks were made to verify that the engine speed did not vary significantly 

during compression and combustion. This was done by comparing the crank angle (calculated 

assuming constant speed) with the recorded crank marker pulses, which occur every 6 degrees of 

crank angle. The calculated crank angles matched the crank marker positions with negligible 

deviation over the range -40 to +80 crank angle degrees (CAD) relative to TDC. The injection 

and combustion events occur within his crank angle range. Any small systematic timing errors 

due to inaccurate location of TDC in the hot motored test would not affect the validity of the 

comparisons of the timing of combustion events for varying ethanol rates.   

The injection activation pulses for cylinder 5 are recorded with the high speed card. The injection 

activation pulses are the voltage supplied to the injector by the ECU. The voltage pulse activates 

a solenoid inside the injector, which in turn initiates fuel injection. The actual fuel injection will 

begin a short time after the injector activation voltage rises. This delay is not measured in the 

present study. Other studies [12,13] have shown that with a common rail injection system the 

delay is typically about 0.3 ms. At 1800 rpm this delay time represents about 3 CAD. 

A typical data set recorded with the high speed card is shown in Figure 1. It can be seen that this 

engine utilises two stage fuel injection, whereby a short pulse of fuel (pre-injection) is injected 

from about 25 degrees before Top Dead Centre (TDC), for the case illustrated in Figure 1. The 

main injection activation pulse begins at about 8 degrees before TDC. The main injection 

activation pulse shows an initial high voltage part to lift the valve in the injector which controls 

the injection process. A constant lower voltage holding pulse is then applied for a short period 

before an oscillating voltage is applied for the remainder of the main injection pulse. The 

oscillating voltage appears as a continuous dark area on the figure.  
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Figure 1 Cylinder pressure (unsmoothed) and fuel injection, for a single cycle at 1800 rpm, 

1036 Nm torque, normal diesel fuel only. Top Dead Centre is at 0 degrees. 

To produce more precise data on the start of combustion and overall combustion rates, the 

apparent heat release rate is calculated from the measured cylinder pressure.[14] This is the 

difference between the energy released due to combustion of the fuel and the energy lost by heat 

transfer from the combustion space. It is calculated using Equation 1, which assumes that the 

combustion acts as a uniform heat source and that the cylinder contents are a perfect gas. The 

apparent heat release rate gives a more direct indication of the effect of fuelling on combustion 

than does the pressure development.  

( ) /( 1)net

dV dV dp
q p p V

dt dt dt

 
     

      (1) 

Where  q(net) = apparent heat release rate (W) 

p = cylinder pressure (Pa) 

R = Gas Constant (J/(kg K)) 

 = isentropic index 

V = cylinder volume (m
3
)  

For the apparent heat release rate calculation, a combination of exponential smoothing and 

Savitsky-Golay filtering [15] is used on the measured and derived data. Exponential smoothing 
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can cause a time lag in the smoothed data, while Savitsky-Golay filtering can have the opposite 

effect where pressure rise rates are high. The two methods are combined to minimise any phase 

shifting in the smoothed data.  

Computation of actual heat release rate requires estimation of the rate of heat transfer from the 

working fluid. Ghojel and Honnery [16] showed that while accounting for heat transfer is 

necessary to accurately calculate cumulative heat release, the inclusion of heat transfer does not 

significantly alter the shape and timing of the calculated heat release rate during the pre-

combustion and main combustion periods. The heat release rate derived from the data of Figure 1 

is shown in Figure 2. There is a small positive rate of heat release apparent from about 15 degrees 

before TDC, or about 10 degrees after the start of the activation pulse for the pre-injection. This is 

due to the combustion of the fuel injected in the pre-injection event. The main combustion takes 

off at around TDC, which is about 8 degrees after the start of the activation pulse for the main 

injection.  

 

Figure 2  Apparent heat release rate derived from the pressure data shown in  

Figure 1 (1800 rpm, 1036 Nm torque, and normal diesel fuel only). 

At each engine operating condition, four sets of data are taken over a ten minute interval, each set 

consisting of about 30 consecutive cycles. For heat release rates, the ensemble average of about 

120 cycles is used. 
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2.2 Ethanol injection system 

In the test engine, aqueous ethanol liquid is injected at low pressure continuously into the intake 

air stream directly after the turbocharger compressor, through pressure/swirl atomisers. The 

liquid, being well atomised, evaporates in the 60 cm long duct between the turbocharger 

compressor and the aftercooler. The elevated temperature of the air due to compression in the 

turbocharger enhances the evaporation process. The mixture then passes through the aftercooler 

where further mixing will occur. The ethanol injector location is shown in Figure 3. 

 

Figure 3 Ethanol injectors installed at the exit of the turbocharger compressor 

The aftercooler has a small bleed point on its underside, and if significant condensation occurs 

within the aftercooler, liquid will be apparent at the bleed point. The upper limit to the amount of 

ethanol/water injected at any operating condition is the point at which small amounts of 

condensate become apparent at this bleed point. 

2.3 Test Conditions 

Tests are conducted at loads in excess of the rated propeller law load conditions for the test 

engine, to mimic a slower revving engine at high BMEP. The propeller law loading condition 

represents the power demand from a fixed pitch propeller matched to the engine at its rated 

maximum power and speed. The intention is not to test the performance of this particular engine, 

but to use it as a means of examining the effects of ethanol addition on combustion and 

emissions. Ethanol supply rate is defined as the percentage of total fuel energy from ethanol. The 

maximum BMEP for this engine is 22 bar and occurs on the maximum power curve at 1800 rpm. 

The highest peak cylinder pressure of 200 bar also occurs at this condition under normal fuelling 

conditions. Test point 2 is chosen to be just below this maximum BMEP point to avoid excessive 
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maximum cylinder pressure when ethanol is added at moderate energy substitution rates. Test 

point 3 has BMEP 17 bar and is used for high ethanol rates to avoid excessive cylinder pressures. 

Engine baseline conditions are shown in Table 1. The tests are conducted at the highest BMEP 

possible without excessive cylinder pressures because the literature indicates that gains in thermal 

efficiency are more likely at high BMEP.  

At test point 2, three different water ethanol blends are tested at a range of fuel energy 

substitution rates. The three ethanol water mixtures tested are: 93% ethanol, 72% ethanol and 

45% ethanol. The percentages are by mass. Nominal energy substitution rates of 5%, 10%, 15% 

and 20% are used. Above 20% substitution rate, combustion starts to become rough, as evidenced 

by engine noise, which results from excessive cylinder pressure rise rates. It can lead to engine 

damage. A further series of tests at test point 3 with 93% ethanol illustrate the combustion 

process and emissions formation at high fuel energy substitution rates up to 34%. For this further 

series, the knock intensity is calculated. 

The engine is certified to comply with Tier 1 of the IMO Marpol Annex VI regulations on NOx 

emissions from marine engines[17]. On the propeller law curve for the test engine, the injection 

timing retardation appears greater than would be used for maximum efficiency, and this 

retardation is probably used by the manufacturers to achieve low NOx emissions over the IMO 

Marpol Annex VI E3 cycle.   

For each engine test point, torque and speed are maintained at a constant value while ethanol 

supply is established. The engine governor automatically decreases normal fuel flow rate to 

compensate for the added ethanol. The engine is then allowed to stabilise for 10 to 15 minutes 

before readings are recorded. Multiple recordings are made over a period of 10 to 15 minutes.  

Table 1 Engine operating conditions. For each test point, speed and torque are held 

constant while ethanol is added.  

 tp1 tp2 tp3 

Speed (rpm) 1800 1800 1800 

Torque (Nm) 1036 926 794 

BMEP (bar) 22 20 17 

Brake Power (kW) 195.3 174.5 149.7 

baseline conditions (no added ethanol) 

Inlet manifold gauge pressure (bar) 1.24 1.04 0.83 



12 

 

Start pre injection activation pulse 

(degrees before TDC) 
23.7 23.7 23.7 

Start main injection activation 

pulse (degrees before TDC) 
6.5 6.5 6.5 

Fuel flowrate (litre/hour) 50.0 45.2 35.6 

Exhaust temperature (C) 563 548 518 

Brake thermal efficiency (%) 38.7 38.3 37.6 

Overall air to fuel ratio by mass 16.8 17.4 18.2 

Overall equivalence ratio 0.87 0.84 0.81 

 

Thermal efficiency is defined as the percentage of the fuel lower heating value converted to 

useful work at the dynamometer. This is sometimes referred to as fuel conversion efficiency, but 

in a modern engine with negligible mass of emissions of products of partial combustion compared 

with the mass of fuel supplied, the two definitions are virtually indistinguishable. For comparing 

values of thermal efficiency at a given load and speed as ethanol rate is changed, uncertainties in 

the absolute values of dynamometer load and engine speed can be ignored, as these do not 

change. The main sources of error are thus in the flowrates of the two fuels and the heating value 

of ethanol relative to normal Diesel fuel. It is estimated that ethanol and Diesel fuel flowrates are 

measured with a 95% confidence interval of ±2%. The 95% confidence interval for thermal 

efficiency changes at a given engine load and speed setting is estimated at ±3% of the calculated 

value.  

At each engine test point, the torque demand of the dynamometer is held constant and speed is 

maintained at a constant value by the ECU. As ethanol rate is increased, the ECU automatically 

decreases the flowrate of normal Diesel fuel to compensate for the added ethanol and thus 

maintain constant engine speed and load.  This is different from the often used dual fuel approach 

of fixing the rate of liquid fuel injection to a small constant value just high enough to achieve 

ignition, then increasing the load by adding more gas. Further, the present engine has two-stage 

injection, so the way in which added ethanol changes the ignition delay and onset of combustion 

will differ from engines with single stage injection. 

2.4 Fuel Properties 

Industrial Methylated Spirits (IMS) is used as the ethanol source. The nominal composition is 

95% ethanol and 5% water by mass, with minute amounts of denaturant. Density of the IMS is 
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measured with a hydrometer at 807±1kg/m
3
. For density 807 kg/m

3
, the composition is 93% 

ethanol by mass [18] at 20ºC.  For reference, a mixture of ethanol and water is azeotropic at about 

95.5% ethanol by mass where the density is 803 kg/m
3
 at 20ºC. The azeotropic mixture represents 

the upper limit of ethanol concentration achievable by simple distillation. 

Dilution of the IMS with water to make the nominally 72% and 45% mixtures is done by mass, 

rather than by volume, because ethanol/water mixtures are not ideal solutions and the volume of 

the mix does not equal the sum of the volumes of the components. The density of the 72% and 

45% ethanol mixtures are measured with hydrometers as 862±1 kg/m
3
 and 923±1 kg/m

3
 

respectively. The same values for density are found by calculation, using the measured quantities 

of water and IMS in the mixes to calculate mass fractions, then using published values of density 

against mass fraction of ethanol [18]. Error analysis shows that an uncertainty of ±1 kg/m
3
 in the 

value for mixture density and thus ethanol content contributes negligibly to the uncertainty in the 

measured thermal efficiency. 

LHV of the IMS is taken as LHV of pure ethanol (26.8 MJ/kg [3]) corrected for the percentage of 

ethanol in the IMS, giving a value of 24.9 MJ/kg. LHV for Diesel fuel is taken as the fuel supplier 

specification of 43.2 MJ/kg [19].  

The energy supplied to the engine by the ethanol/water mixtures is calculated: 

mixmixIMS
IMS

mix
mix VLHV

Y

Y
Q     (2)   

Ymix =  Mass fraction of ethanol in the mixture 

YIMS = Mass fraction of ethanol in the IMS 

LHVIMS = Lower Heating Value of IMS 

mixV Volumetric flow rate of the mixture (m
3
/s) 

mix

 

Density of the mixture (kg/m
3
) 

3 Results 

3.1 Effect of Ethanol Water Mixture Strength 

Thermal efficiency against percentage of fuel energy from ethanol for test point 2 is shown in 

Figure 4. Thermal efficiency increases with increasing ethanol addition, with the greatest increase 
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apparent for the 72% mixture. At the lower torque loading of test point 3, no significant change in 

thermal efficiency is apparent with ethanol/water addition for the 72% and 45% mixtures, but an 

upward trend similar to the test point 2 results at 93% ethanol is measured. The small differences 

apparent in Figure 4 in the measured thermal efficiency at 0% ethanol by energy illustrates the 

test to test variability in the measured power and fuel flowrate, due to small changes in ambient 

conditions and instrument error. The range is about ±1% of the mean. For the 72% mixture, 

measured thermal efficiency increases consistently as energy substitution rate increases, up to 6% 

above the baseline, which is only just significant when compared with the estimated error of ±3% 

in calculation of thermal efficiency and the test to test variability in baseline conditions. Further, 

the difference between the increase in thermal efficiency for the 72% mixture compared with the 

other mixtures would be within experimental error and thus probably not significant. 

 

Figure 4 Thermal efficiency at test point 2 against energy substitution rate for three 

different ethanol water mixtures (93%, 72% and 45% by mass in the fumigant).  

Injection timing changes with increased substitution rates, as seen in Figure 5 which shows the 

effect of substitution rate and water content on the crank angle at which the main injection 

activation pulse occurs. The injection timing does not change greatly up to substitution rates of 
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10%. The injection timing becomes increasingly retarded as more energy is supplied from the 

ethanol. Higher substitution rates lead to reduced mass of normal Diesel fuel being injected per 

injection and it appears that the ECU responds to the decreased mass of fuel required to maintain 

a given speed by retarding injection timing.  

 

Figure 5 Crank angle position relative to TDC at start of main injection for test point 2 

against energy substitution rate for three different ethanol water mixtures (93%, 72% and 

45% by mass in the fumigant) 

Exhaust temperature is plotted in Figure 6. Exhaust temperature decreases significantly with 

increased substitution rate and increased water content, as expected. The evaporation of 

ethanol/water mixtures into the inlet air tends to reduce the inlet air temperature, but this decrease 

is moderated by the water cooled aftercooler, so the maximum decrease in manifold temperature 

is about 5K, at the higher substitution rates. The presence of water vapour in the combustion 

chamber lowers the combustion temperature due to the high specific heat capacity of water. 
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Further, the adiabatic flame temperature of ethanol is lower than Diesel fuel (2155K vs 

2305K)[3]. The phasing of the combustion also changes as ethanol is added. The combustion 

tends to occur earlier when ethanol is added, even though injection timing occurs later. For the 

72% ethanol mix, the crank angle at which 50% of total heat release has occurred (CA50) 

changes from 14.0 to 11.9 degrees ATDC from 0% ethanol to 19% ethanol. The crank angle at 

which 90% of the total heat release has occurred (CA90) changes from 30.5 to 28.4 degrees 

ATDC. This small advancing of the combustion phasing would contribute to the observed fall in 

exhaust temperature. 

 

Figure 6  Exhaust temperature at test point 2 against energy substitution rate for three 

different ethanol water mixtures (93%, 72% and 45% by mass in the fumigant) 

Heat release rate is plotted against crank angle in Figure 7, for the 72% ethanol/water mix at 

different substitution rates. The heat release rate curve for 13% energy substitution rate has been 

omitted for clarity. As substitution rate increases, there is a noticeable shift in the timing of the 

point before TDC at which the heat release first rises significantly above zero. This shift 
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correlates approximately with the measured small change in injection timing as shown in Figure 

5.  Other workers have found increased delay times as ethanol is added. In the present tests, the 

ECU retards the injection timing as more ethanol is added, so fuel injection occurs closer to TDC 

where cylinder temperature and pressure is higher, which would tend to reduce delay time in the 

absence of ethanol. The early heat release rate before TDC (combustion of pilot fuel) increases 

with increasing substitution rate, showing that the added ethanol is contributing to the energy 

release at this early stage. Generally, the delay between start of main injection and the onset of 

the main combustion is smaller for higher substitution rates. As energy substitution rate increases, 

the main combustion begins earlier, even though injection timing is retarded. The purpose of two 

stage injection is to cause the main fuel charge to ignite rapidly after start of injection. Once the 

pre-injected fuel has ignited the presence of ethanol will not increase the delay time before 

combustion commences for the main injection pulse. Given that this delay actually decreases with 

ethanol addition suggests that the presence of ethanol is creating a more intense region of 

combustion into which the main fuel pulse is injected.   

Up to 13% energy substitution, the maximum heat release rate increases, and the peak occurs 

earlier, as ethanol supply rate increases. As ethanol rate is further increased, the maximum heat 

release rate decreases in magnitude, but the early heat release rate is still higher than at lower 

energy substitution rates. At 19% ethanol by energy, two peaks in the heat release rate are 

apparent.  

Similar trends are seen for the 95% ethanol/water mix. For the 45% ethanol/water mix, the 

highest substitution rate tested was 16% and the value of the maximum heat release rate increases 

in proportion with the energy substitution rate for all tests. For all ethanol/water mixtures, 

maximum cylinder pressure at test point 2 increases in proportion to the energy substitution rate, 

from 185 bar at 0% ethanol by energy up to 200 bar at 19% ethanol by energy. For reference, the 

maximum cylinder pressure at full load for this engine at 1800 rpm (test point 1) with standard 

fuelling is 200 bar. Thus, 200 bar represents the safe upper limit for long term engine durability.  
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Figure 7 Heat release rates for test point 2 using 72% ethanol, for different energy 

substitution rates. The curves are labelled with percentage ethanol by energy. The crank 

angles at which the pre-injection and main injection activation pulses commence for the 

baseline condition (0% ethanol) are shown. Each heat release rate curve is the ensemble 

average of 120 individual cycles. 

Exhaust emissions of oxides of nitrogen (NOx) are shown in Figure 8. NOx emissions fall 

significantly with increased energy substitution rate and increased water content. The presence of 

water in the combustion chamber would be the main effect as it lowers the combustion 

temperature due to the high specific heat capacity of water. Further, the adiabatic flame 

temperature of ethanol is lower than diesel fuel. In diesel engines, NOx emissions primarily form 

in the region surrounding the combustion zone. Karim [11] notes that the production of NOx 

depends on the peak value of the combustion temperature, the effective volume of the combustion 

zone, the availability of oxygen  and the time available for the rate limited NOx reactions. It is 

possible that the presence of combustible gas in the air leads to the combustion occurring at a 

slightly more fuel rich mixture strength which would make less oxygen available for thermal 
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NOx formation. It was demonstrated earlier that the combustion timing at this engine operating 

condition for the 72% ethanol case effectively advances as more mixture is added. This would 

tend to moderate any reductions in NOx emissions through other mechanisms. 

 

Figure 8 NOx emissions for test point 2 against energy substitution rate for three different 

ethanol water mixtures (93%, 72% and 45% ethanol by mass in the fumigant) 

Emissions of Carbon Monoxide (CO) are plotted in Figure 9. Generally CO increases with 

increasing substitution rate for all ethanol/water mixes. Any air/gas mixture that is not entrained 

into the burning Diesel fuel spray will remain unreacted or partially reacted, unless the gas-air 

mixture strength is sufficient to support high temperature combustion in its own right [11]. The 

small decreases in CO emissions at the higher substitution rates could be due to more intense 

combustion overall as the combustion timing effectively advances. The small difference in the 

measured CO concentrations for 0% ethanol by energy illustrates the test to test variability in the 

measured emissions, due to small changes in ambient conditions and analyser calibration. 
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Figure 9 CO emissions for test point 2 against energy substitution rate for three different 

ethanol water mixtures (93%, 72% and 45% ethanol by mass in the fumigant) 

Emissions of unburnt hydrocarbons are negligible for most test conditions, except at higher 

substitution rates where levels up to 0.02 g/kWh are measured. This value is close to the detection 

limit for the instrumentation.  Exhaust opacity was not measured for this series of tests. 

3.3 High Substitution Rates 

A set of tests extending to high substitution rates up to 34% ethanol by energy for the 93% 

ethanol mix further explore the role of the added gaseous fuel in the ignition and combustion 

process. Test point 3 is chosen so as to avoid excessively high peak pressure at high ethanol 

substitution rates. Substitution rates of 8%, 18%, 24%, 31% and 34% ethanol by energy are 



21 

 

tested. At this test point, the ECU retards injection timing as more ethanol is added (see Figure 

13), so this needs to be taken into account when interpreting the results. At substitution rates from 

24% upwards, the engine becomes noticeably noisier. At 34% ethanol by energy, the engine is 

knocking severely. The measured cylinder pressure for the higher substitution rates is shown in 

Figure 10. Plotted are individual representative cycles with knock intensity similar to the mean 

value for the given operating condition. Quantification of knock is detailed in the next section. 

The 8% and 18% ethanol by energy plots were excluded from his figure for clarity. The 8% 

ethanol by energy pressure development essentially overlaps the baseline. As substitution rate is 

increased, the peak of pressure development shifts towards TDC, even though injection timing is 

retarded. At 34% ethanol by energy the pressure rise rate at the start of combustion is very high 

and the cylinder pressure oscillates severely.   

  

Figure 10 Cylinder pressure development (unsmoothed) at high ethanol substitution rates 

for test point 3 using the 93% ethanol/water mix. The curves are labelled with percentage 
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ethanol by energy. Representative individual cycles with pressure oscillation similar to the 

mean are shown. 

3.3.1 Knock 

Knock is quantified by filtering the pressure data so that only the oscillating component of the 

pressure signal that represents knock remains. Heywood [14] states that the frequency of the 

pressure oscillations due to knock corresponds to the first transverse mode of gas vibration in the 

cylinder (in the range 3 kHz to 10 kHz). For this engine the frequency of the oscillations as 

measured from the recorded pressure data is around 7.7 kHz. The mean knock intensity is 

calculated as the mean of the maximum swing in the oscillating pressure component for each of 

120 cycles. This is plotted against ethanol rate in Figure 11 along with the standard deviation of 

the maximum pressure oscillation swing. The standard deviation increases in line with the knock 

intensity. The standard deviation as a percentage of the mean is highest at 27% for 31% ethanol 

and lowest at 14% for 18% ethanol.  In the present tests, audible knock increases in intensity with 

ethanol addition, and at 34% ethanol the audible knock intensity is high. Heywood  [14] notes 

that the human ear is a sensitive knock detector. It is also of interest to note that from the crank 

angle at which positive heat release first occurs, between the pre-injection pulse and the main 

injection pulse, significant pressure oscillations of around 4 bar occur at the engine’s 

characteristic knock frequency. This is similar for all ethanol supply rates and the baseline. 

Presumably these fluctuations are induced by the onset of combustion of the small amount of fuel 

injected in the pre-injection pulse.  
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Figure 11  Knock intensity and standard deviation of knock intensity against ethanol 

substitution rate at test point 3. 

3.3.2 Combustion development 

The combustion development is better illustrated in the apparent heat release rate plots in Figure 

12. Plotted is the ensemble average of the heat release rates of 120 cycles at each operating 

condition. At 8% ethanol by energy, the form of the heat release rate plot does not change 

significantly compared with the baseline (0% ethanol), but the onset of high heat release rate 

occurs slightly later and the maximum heat release rate is higher. For 0%, 8% and 18% ethanol 

by energy, the heat release rate peaks a few degrees after the end of fuel injection, which is 

expected because the heat release rate pattern will be dominated by the liquid fuel injection at 

these low rates of ethanol addition. At 18% ethanol by energy, the maximum heat release rate is 

lower than the baseline and occurs later, but there is a tendency for an early peak in the heat 

release rate. At 24% ethanol by energy, the heat release rate shows a definite double peak, with 

the first peak occurring earlier than the baseline maximum, and the second peak occurring later. 

This pattern continues for 31% and 34% ethanol, with the first peak becoming larger and the 
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second peak diminishing as ethanol rate is increased. A distinct minimum in heat release rate 

occurs between the two heat release rate peaks.  

 

Figure 12 Apparent heat release rate at high ethanol substitution rates for test point 3 using 

the 93% ethanol/water mix. The curves are labelled with percentage ethanol by energy. The 

crank angles at which the activation pulse for the main injection event begins are shown for 

the baseline condition and for 34% ethanol. Each heat release rate curve is the ensemble 

average of 120 individual cycles. 

To assist in the analysis of the combustion trends, injection and combustion timings are detailed 

in Figure 13 for this test point. Plotted are the crank angles where: the pre-injection activation 

pulse begins; the heat release rate first becomes positive; the main injection activation pulse 

begins; the heat release rate first reaches 500 kW; 10% of total heat release has occurred (CA10); 

the main injection activation pulse ends; the first heat release rate peak occurs; 50% of total heat 

release has occurred (CA50); and the second heat release rate peak occurs.  The crank angle at 
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which heat release rate first reaches 500kW is chosen as the point at which the main combustion 

process has definitely commenced. It occurs just before CA10 and so gives an earlier indication 

of combustion.  

It was noted earlier that the delay between the start of the injection activation pulse and the actual 

start of fuel injection is probably about 3 CAD.  After the pre-injection pulse, there is a distinct 

period of positive heat release rate before the main injection pulse. This ignition delay after the 

pre-injection does not change significantly with ethanol addition. As the ethanol substitution rate 

increases, the ECU retards the injection timing. The pre-injection pulse and main injection pulse 

move together. As a result of the retarded injection timing, the point at which positive heat release 

rate starts shifts towards TDC with increasing ethanol addition. The start of fuel injection is 

delayed by the ECU as more ethanol is added, but the duration of liquid fuel injection decreases. 

The net result is that the crank angle at the end of the main liquid fuel injection pulse remains 

almost constant at 9 to 10 degrees after TDC for all ethanol rates. 

The data of Figure 13 are further discussed after the flammability of the ethanol/air mixtures is 

quantified in the next section. 
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Figure 13 Crank angles where: the pre-injection activation pulse begins; the heat release 

rate first becomes positive; the main injection activation pulse begins; the heat release rate 

first reaches 500 kW; 10% of total heat release has occurred (CA10); the main injection 

activation pulse ends; the first heat release rate peak occurs; 50% of total heat release has 

occurred (CA50); and the second heat release rate peak occurs, for test point 3, against 

percentage of fuel energy from ethanol. 

3.3.2 Flammability limits and modes of combustion 

The lower flammability limit for ethanol vapour in air at standard conditions is 3.3% by volume 

[20].  The concentration of the induced ethanol-air mixture and the flammability limit at 

compression temperature are calculated in the Appendix. For 34% and 31% ethanol by energy, 

the percentage of ethanol in air is only 1.9% and 1.7% by volume respectively.  Thus, the 
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ethanol-air mixture strength for 34% and 31% ethanol by energy is below the flammability limit 

at atmospheric pressure. However, the calculations described in the Appendix indicate that the 

flammability limit of ethanol in dry air is 1.3% by volume or less at the adiabatic compression 

temperature at TDC of 945K. Thus the ethanol-air mixtures for 34% and 31% ethanol by energy 

are probably flammable in their own right at the end of compression. The ethanol-air mixture for 

24% ethanol by energy contains 1.3% ethanol by volume and so is marginally flammable at the 

end of compression. The ethanol-air mixture for 18% ethanol by energy contains 1% ethanol by 

volume and so is probably not flammable in its own right. Thus it is possible that for the higher 

ethanol rates the ethanol-air mixture will, after it is ignited by the pre-injection, burn 

independently of the injected fuel by premixed combustion. The heat release rate plots of Figure 

12 and the timing of significant events as illustrated in Figure 13 provide evidence for this. For 

24%, 31% and 34% ethanol by energy, two distinct peaks in heat release rate occur, one before 

the end of liquid fuel injection and the second after the end of the liquid fuel injection activation 

pulse. A distinct minimum in heat release rate, between the two heat release rate peaks, occurs at 

about the end of liquid fuel injection. 

Autoignition can occur in mixtures which are too lean to support a flame front (ie. leaner than the 

lower flammability limit), if the mixture temperature is high enough for a sufficient amount of 

time [21,22]. An autoignitive front can propagate through a fuel air mixture. The minimum 

autoignition temperature of ethanol in air at atmospheric pressure is 695K[3]. The autoignition 

temperature decreases as pressure increases. The autoignition temperature increases with 

decreasing fuel air mixture strength. In the present context, the ethanol/air mixture is exposed to 

elevated temperature throughout the compression stroke. It is feasible that autoignitive fronts can 

propagate into the ethanol/air mixture from the main ignition regions. Thus, modes of combustion 

in a fumigated diesel engine where the majority of the fuel energy comes from the injected diesel 

fuel, could include: autoignition of the diesel fuel during the ignition delay; combustion of the 

injected diesel fuel by normal spray combustion processes, involving fuel rich premixed 

combustion in the core and diffusion controlled combustion at near stoichiometric mixture 

strength at the periphery of the injected diesel fuel (the Dec model [22]), with the presence of the 

added gas potentially increasing the spatial extent of the near stoichiometric region; flame 

propagation and/or autoignitive propagation through the added gas-air mixture; final burnout of 

remaining diesel fuel vapour and unburnt added gas after liquid fuel injection has ceased. If the 

liquid fuel from the pre-injection and the ethanol in the air form a sufficiently large and intense 

region of combustion activity into which the main fuel pulse is injected, then the onset of full 
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combustion will be rapid. Regions which would otherwise be too fuel lean will be flammable due 

to the presence of ethanol. For the higher ethanol rates where the ethanol-air mixture strength 

exceeds the lean flammability limit, flame propagation through the ethanol-air mixture from the 

ignition centres is possible. This might precede or occur simultaneously with autoignition. 

The delay between the start of the main injection activation pulse and the onset of full 

combustion, as indicated by the crank angle at which heat release rate becomes higher than 

500 kW, decreases significantly with increasing ethanol addition, diminishing to about 1 CAD for 

31% ethanol by energy. For 34% ethanol, the main combustion begins before the start of the main 

injection activation pulse and thus before the start of the actual main fuel injection event. If the 

delay between the start of the injection activation pulse and the start of fuel injection is about 

3 CAD, then for 31% ethanol the main combustion also begins before the start of the actual main 

fuel injection event. Similarly, for 24% ethanol the main combustion begins at about, or just after, 

the start of the actual main fuel injection event.   

For the three highest ethanol rates, it is likely that the early combustion involves flame 

propagation and/or autoignitive propagation into the ethanol/air mixture, well beyond the 

boundaries of the fuel jet. This combustion of the ethanol/air mixture ahead of the fuel jet could 

lead to local depletion of oxygen, resulting in reducing heat release rate after the first peak, even 

though liquid fuel is still being injected. The last phase of heat release would then involve 

combustion of both evaporated liquid fuel and any remaining ethanol, with a significant delay 

until the late injected liquid fuel can find sufficient oxygen for combustion. The percentage of 

total heat release at the first heat release rate peak is 15.5%, 18.7% and 19.3% for 24%, 31% and 

34% ethanol by energy respectively. The percentage of total heat release at the heat release rate 

trough between the two peaks is 26.7%, 43.0% and 43.6% for 24%, 31% and 34% ethanol by 

energy respectively. Thus, most of the ethanol could have been consumed before the heat release 

rate trough.  Alternatively, at high substitution rates, the ethanol air mixture ignited by the liquid 

fuel injected in the pre-injection could create a sufficiently intense region of high temperature 

combustion that the liquid fuel from main injection evaporates and ignites rapidly. The ethanol 

and evaporated liquid fuel might then burn rapidly in combination, with pre-mixed combustion in 

the ethanol air mixture depleting the region around the fuel spray of oxygen so that after the first 

peak in heat release rate there is a significant dwell in the combustion rate until the remaining 

injected liquid fuel vapour finds sufficient oxygen for combustion. However, the very high 

pressure rise rates for 31% and 34% ethanol suggest that premixed combustion dominates the 

early part of the combustion at these conditions. 
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For 18% ethanol by energy, the ethanol/air mixture is  probably not flammable in its own right, 

but the form of the heat release is intermediate between the zero to low ethanol rate cases (0% 

and 8%) and the higher ethanol rate cases (24%, 31% and 34%). There is a tendency for an early 

heat release rate peak. The mechanism proposed for the higher ethanol rates would apply to some 

extent for 18% ethanol, except that it is unlikely that the ethanol air mixture would burn without 

being supplemented by evaporated liquid fuel. The mixture is below the flammability limit at the 

end of compression but will only require a small amount of evaporated liquid fuel to create a 

flammable mixture. 

It is often assumed that knock in dual fuel engines is caused by auto-ignition of the end-gas (see 

for example Gibson at al [23] and Karim [11]).  A flame propagates through the gas-air mixture 

and eventually autoignition occurs ahead of the propagating flame. Knock in normal diesel engine 

operation is due to high pressure rise rates after the ignition delay due to premixed combustion of 

fuel mixture formed during the delay period. Of interest is the work of Laforet et al [24] where 

knock was experienced with co-injection of  gaseous and liquid fuel. They measured fluctuating 

gas pressures characteristic of knock and proposed that this was due to a rapid premixed phase of 

combustion rather than spontaneous ignition of end gases, because in the co-injection case there 

is almost no fuel in the end gas regions. However, the severity of knock experienced by Laforet et 

al was not as high as in the present study at high ethanol rates (Figure 11). It is possible that the 

knock measured in the present context at moderate ethanol supply rates is of a similar nature to 

normal diesel knock, but that the high combustion rate causing the knock is due to the added gas 

burning in combination with evaporated liquid fuel. For all ethanol rates, there is no noticeable 

increase in the pressure oscillations late in the combustion process. If it was end-gas knock then 

there should be increased pressure oscillations late in the combustion process. [14] Given the 

severity of knock at 34% ethanol and the appearance of large pressure fluctuations near or before 

the start of the main diesel fuel injection, it is likely that autoignitive combustion of the ethanol is 

occurring early in the combustion process. Autoignitive combustion may or may not lead to a 

detonation.[21]  

Karim [11] states that “A prime requirement of any alternative gaseous fuel for satisfactory 

operation in dual fuel engines is that its mixture with air would not autoignite spontaneously 

during or following the rapid pilot energy release. Failing to do so can lead to the onset of knock 

which manifests itself with excessively rapid rates of pressure rise ….” 

The combustion behaviour of this engine fumigated with ethanol is similar to propane fumigation, 

which is described in a companion paper by the present author[25]. For propane in the same 
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engine at the same operating condition, the form of the heat release rate diagram is very similar to 

that seen with ethanol at equivalent energy substitution rates, and the onset of knock occurs at 

similar substitution rates. While the flammability limits of propane and ethanol are different, their 

energy contents are also different, with the net result that at the same energy substitution rates, the 

two fuel air mixtures have similar flammability.  

The tendency for the ECU to retard the injection timing with increasing fumigant substitution 

rates would be favourable with regard to delaying the onset of severe knock. However, the results 

of the high substitution rate tests suggest that the early ignition of the fumigant/air mixture by the 

pre-injection leads to severe knock. Further work could involve modifying the ECU to disable the 

pre-injection pulse at higher substitution rates, and to allow setting of optimum timing of the main 

injection pulse. Increasing the boost pressure or using Exhaust Gas Recirculation to dilute the 

fumigant/air mixture may also allow higher energy substitution rates without onset of severe 

knock. 

3.3.3 Emissions 

Measured emissions for this test series are plotted in Figure 14. NOx emissions decrease 

significantly with increasing ethanol addition, even though the phasing of the combustion does 

not change significantly and peak pressures increase. The decrease in NOx emissions is probably 

due in part to the presence of water in the ethanol/water mixture, but mostly due to the shifting 

from predominately diesel like diffusion controlled combustion to a greater proportion of 

premixed combustion at fuel lean conditions.  

CO emissions generally increase with increasing ethanol addition. CO2 emissions reduce from 

747g/kWh for 0% ethanol to a minimum of 703g/kWh for 31% ethanol by energy. HC emissions 

are less than 0.06 g/kWh throughout which is near the lower detection limit of the analyser. 

However, opacity and HC emissions appear to follow similar trends as ethanol rate is increased, 

with an initial decrease at low ethanol rates compared to the baseline then increasing for higher 

ethanol rates. The lower opacity at low ethanol rates compared to the baseline could be due to the 

higher peak heat release rate at 5% and 8% ethanol by energy compared with the baseline, 

leading to higher flame temperature and thus improved soot burnout. At higher ethanol rates, the 

premixed combustion of the ethanol may be reducing the oxygen immediately available to the 

injected fuel which would lead to reduced soot burnout and thus increased exhaust opacity. 

Opacity increase does not necessarily indicate increased mass of emissions, as the optical 

properties of the particles could change with ethanol addition.  
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Similar behaviour for emissions was seen in the same engine using propane as the added fuel 

[25], although opacity increase with increasing quantities of added gas was greater for propane 

and hydrocarbon emissions were higher with propane. 

  

Figure 14 Exhaust emissions for the high ethanol supply rate series at test point 3.  

4. Conclusions 

A range of engine operating conditions has been tested with varying rates of aqueous ethanol 

addition to the inlet air, and varying proportions of water in the added aqueous ethanol. The 

ethanol was introduced into the inlet air stream upstream of the turbocharger through atomising 

nozzles. The engine used was a 5.9 litre heavy duty common rail marine diesel engine with two 

stage fuel injection. At moderate BMEP operating conditions the engine ECU retards injection 

timing with ethanol addition.  



32 

 

Introduction of ethanol-air premixtures to the combustion space increases early combustion rates, 

which results in slightly improved thermal efficiency. The trend is more marked at higher engine 

loads. The present study found maximum thermal efficiency improvement around 6% at the 

highest BMEP condition tested of 20 bar, which is just significant given the estimated error in 

thermal efficiency as ±3%. At this BMEP thermal efficiency increases with increasing ethanol 

addition, with the greatest increase apparent for the 71% mixture at 19% ethanol by energy. The 

thermal efficiency improvement could be expected to be higher if injection timing could be held 

constant. Two stage injection effectively overcomes the increased ignition delay as ethanol 

supply rate increases experienced in fumigated engines with single stage injection. 

Generally exhaust opacity and emissions of CO increase with ethanol addition in this engine 

which has two stage injection. At moderate ethanol rates around 10% by energy exhaust opacity 

is lower than for standard fuelling and for higher ethanol rates. The reduction in NOx emissions 

when ethanol water mixtures are added increases significantly when the percentage of water in 

the mix is increased. This is to be expected due to the well-recognised impact of added water on 

NOx emissions. However, even with the 93% ethanol/water mixture, NOx emissions decrease 

significantly with added ethanol at operating conditions where the engine ECU retards injection 

timing. 

High ethanol rates were explored at a moderate BMEP of 17 bar where higher than normal peak 

pressures could be tolerated for the purposes of the tests. These tests gave useful insight into the 

mechanism of combustion with ethanol fumigation in a heavy duty engine with two stage 

injection and highlighted the dangers of excessive ethanol addition in such an engine. At ethanol 

rates greater than 30% ethanol by energy, where the strength of the induced ethanol-air mixture 

exceeds the lower flammability limit at the compression temperature, the combustion pressure 

development and heat release rate profiles change markedly, with severe pressure rise rate, rapid 

oscillation of cylinder pressure around the peak values, two distinct heat release rate peaks and 

highly audible knocking. For 31% and 34% ethanol by energy, the ethanol-air mixture is ignited 

by the pre-injection and begins to burn rapidly before the main injection of liquid fuel 

commences, leading to the conclusion that flame propagation or autoignitive propagation into the 

ethanol air mixture is occurring early in the combustion process. The proportions of ethanol and 

normal diesel fuel involved in the combustion processes leading to each of the two heat release 

peaks is unknown. It is possible that at high substitution rates, the ethanol air mixture and the 

liquid fuel injected in the pre-injection create a sufficiently intense region of high temperature 

combustion that the liquid fuel from main injection evaporates and ignites rapidly. The ethanol 
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and evaporated liquid fuel then burn rapidly in combination, with pre-mixed combustion in the 

ethanol air mixture depleting the region around the fuel spray of oxygen so that after the first 

peak in heat release rate there is a significant dwell in the combustion rate until the remaining 

injected liquid fuel vapour finds sufficient oxygen for combustion. However, the very high 

pressure rise rates for 31% and 34% ethanol suggest that the first heat release rate peak is due 

primarily to premixed combustion of the ethanol/air mixture. The pre-injection pulse is 

disadvantageous in this operating regime. 

Future work could include modification of the engine to allow control of injection timing and 

disabling of the pre injection pulse; investigation of the moderating influence of higher water 

content on knock; investigation of the use of increased boost pressure or Exhaust Gas 

Recirculation to reduce the flammability of the ethanol/air mixture; and analysis of an extended 

range of operating conditions. Chemical kinetic modelling of the combustion processes would 

potentially give further insight into the combustion mechanism. 
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Appendix Flammability Analysis for Ethanol Supply by Fumigation 

A.1 Ethanol-air mixture strength 

If CO, HC and NOx emission are assumed to be negligible for calculation of air fuel ratio, then: 

CαHβO +c(O2+3.76N2)  αCO2 + β/2H2O+ 3.76cN2 +(c-α-β/4+/2)O2  (3) 

Let: 

xO2 = measured mole fraction of O2 in the dry exhaust  

dm mass flowrate of standard Diesel fuel (kg/s) 

ethm mass flowrate of ethanol (kg/s) 

airm mass flowrate of air (kg/s) 

α  = 1 

standard Diesel fuel: 86% C by mass or CH1.95  

ethanol: C2H6O or CH3O1.5
 

Meth = molar mass of CH3O1.5  (kg/kmol) 

Md = molar mass of CH1.95 (kg/kmol) 
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mixin  ethanol fraction mass/  wateretheth mm 
 

 

The air to fuel ratio by mass is calculated:
 

)76.41)(1612(

))1)(
24

((97.2876.4

2

2

O

O

mass
x

x

A/F










     (6)
 

and  

massethdair A/Fmmm  )( 
       (7) 

The volume fraction of ethanol in the ethanol/air mixture can thus be found. The results for test 

point 3 are shown in Table A.1 
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Table A.1 Volume fraction of ethanol in the mixture induced into the engine, for test 

point 3. 

% ethanol by energy 0.0 7.7 17.8 24.3 31.3 34.3 

% O2  in exhaust (dry) 4.25 4.54 4.51 4.70 4.72 4.25 

overall A/Fmass (ethanol +Diesel) 18.18 17.60 16.59 16.18 15.60 14.95 

overall equiv. ratio (ethanol +Diesel) 0.81 0.80 0.80 0.79 0.79 0.81 

ethanol-air equivalence ratio 0.00 0.06 0.14 0.19 0.24 0.28 

ethanol volume fraction in air (%) 0.00 0.44 0.97 1.31 1.68 1.89 

 

In all cases the concentration of ethanol is less than the lower flammability limit (LFL) of 3.3% 

by volume for ethanol at normal temperature and pressure[20].  

A.2 Effect of Temperature on Lower Flammability Limit 

The ethanol/water/air mixture is compressed prior to injection of standard Diesel fuel. To 

understand the dual fuel combustion process, it is necessary to know whether the ethanol-air 

mixture can burn in its own right. The modified Burgess-Wheeler Law allows estimation of LFL 

at temperatures above the standard temperature  [26]: 
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1      (8)  

where 

LFLT = Lower Flammability Limit (% by volume) at temperature T (K) 

LFL298 = Lower Flammability Limit (% by volume) at 298 K 

LHV = Lower Heating Value (kJ/kmol) 

cp = Specific Heat Capacity at Constant Pressure of the mixture (kJ/(kmol K) 

The engine has a volumetric compression ratio of 17.2. The manifold temperature is 303 K. For 

the purposes of the estimation of the temperature at the end of compression, the cylinder contents 

are considered to be air, given that the volume percentage of ethanol is at the most 2%. If the 

compression is adiabatic and assuming air as the working fluid, the temperature at the end of 

compression will be 945 K. Applying the modified Burgess-Wheeler Law at this temperature 
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gives a LFL of 1.3% by volume. This is less than the calculated mixture strength of the ethanol-

air mixture for 34% and 31% substitution by energy. Thus, it is probable that the ethanol-air 

mixtures at 34% and 31% ethanol substitution are flammable at the end of compression.  

The ethanol-air mixture at 24% substitution has 1.3% ethanol by volume. This mixture might be 

marginally flammable at the end of compression, but this is uncertain. It will only require a small 

amount of evaporated liquid fuel to ensure a flammable mixture.  At 18% ethanol substitution, the 

mixture is well below the flammability limit at the end of compression. 

It should be noted that Rowley et al [26] presented data for a range of liquids that showed that the 

modified Burgess-Wheeler Law under predicts the effect of temperature on LFL, although the 

temperature range of their measurements did not extend beyond 600K. Thus, the present 

estimates of LFL at compression temperature may be high, meaning that the mixtures are more 

flammable than indicated. The purpose of the present calculations using the modified Burgess-

Wheeler Law is to indicate whether the ethanol/air mixtures are flammable, rather than to define 

the flammability precisely.  
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